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Review of parameters influencing hydraulic forces
on centrifugal impellers

J GUELICH and W JUD

Sulzer Bros., Winterthur, Switzerland
S F HUGHES

Sulzer Bros., Leeds, UK

SYNOPSIS On the impeller of a centrifugal pump there are acting both radial and
axial hydraulic forces. The radial forces are due to three different mechanisms:
(1) radial thrust due to non-uniform pressure distribution around the impeller (2)
labyrinth forces (3) impeller diffuser interaction forces. Nature, size and origin
of these forces are discussed. Steadv radial thrust depends on the specific speed
of the npumn, tvre of casing (single or double volute, diffuser) geometric parame-
ters and oneration conditions including cavitation.

The 1immact of these factors on radial loads is demonstrated and quantitative data
are presented. Four different methods for radial thrust measurements are nresent-
ed.

Axial thrust on pump impellers 1is extremely sensitive to tolerances and to the
labyrinth flow rate. Two models for the prediction of axial thrust are presented
and predictions are compared to measurements on a multi-stage hoiler feed pump. A
number of narameters influencing axial thrust are discussed.

1 INTRODUCTION D2 impeller outer diameter
Non-uniform pressure distributions fn frequencyv of shaft rotation
around an impeller cause radial forces

on a pump rotor. Measurements of radial FR radial thrust

thrust in single volutes were published

in ref. (1) for single entry impellers g acceleration due to gravitv

and 1in (2) for double entry impellers.

Less information was published on double H head

volutes and on the influence of differ-

ent geometric or omnerational parameters Hp static head rise of impeller

on radial thrust. A general literature

review is qgiven in (27) but it contains K ratio of liquid velocitv in space
no data. between casing and impeller and

circumferential impeller speed

It 1is the ohject of the present KR radial thrust coefficients, de-
contribution to show the physical fined in equ. (2)
mechanisms causing radial forces on an
impeller, to review and supplement the KRs steady radial thrust coefficients
available data and to nresent them in a
form readily usable for design purposes. KRun unsteady radial thrust coeffi-

cients (peak amplitude)

2 SYMBOLS/ABBREVIATIONS KRO maximum steady radial thrust co-
efficient for single volutes

BEP best efficiency point

KR* radial thrust coefficients of
D diffuser axial pumps
DV double volute Qv leakage flow rate
Sv single volute Q flow rate
C2u circumferential component of ab- n speed of pump shaft
solute velocity at impeller outlet
nqg specific speed (n in rpm, Q in
B2* impeller outlet width including m3/s per eye of impeller, H in m

shrouds (fig. 1) per stage)



R maximmm radial +thrust of dorhle
volute/maximum radial thrust of
sinocle volute

Re Revnolds-numher

Y defined bv ecu. (7?)

z2 number of imneller hlades

Z3 number of diffuser blades

B2 impeller outlet anagle

Esp circumferential anale of inner
volnte

Yp ¥ mode numbers: 1, 2, 3, .....

¢ dansity

w orhit fremencv

Q anrular frecuency of impeller
rotation

Subscrints

iciencv »nnint
N or maximum radial thrust

3 ORIGIN AND MAGNITUDE OF RADIAL LOADS
ON CENTRIFUGAL IMPELLERS

Avart from mechanical unhalance there
are three twvnes of radial hydraulic
forces acting on a rotating imnmeller of
a centrifugal pumpn:

a) Radial thrust
b) Labyrinth forces
c) Impeller/diffuser interaction forces

To understand the nature and origin
of these forces will help the intermre-
tation of radial thrust measurements and
their application to pumn desian. Tables
1 and 2 give a summary of nature, origin
and typical maanitude of radial forces
acting on a centrifugal imneller.

3.1 Radial thrust

A radial 1load ("radial thrust") on a
centrifugal impeller is <caused by a
non-uniform nressure distribution around
the circumference of the impeller. The
total radial thrust can be split un into
steady and unsteady components.

The steady radial thrust can be
caused by:
- non-uniform nressure distribution in

volutes. The non-uniformity
stronqglv at off-design

single
increases
conditions.
- non-uniform nressure distribution in
annular casings

- non-uniform nressure distribution in
double volutes caused by the fact that
outer and inner volute have different

flow resistances

- static excentricity of impeller with
resnect to diffuser or volute

- geometrical tolerances in theoretical-
lv symmetric configurations such as
twin volutes or diffusers

- Non-uniform flow distribution at the
impeller inlet

The unsteady radial thrust can be caused
by:

- geometrical tolerances of impeller
(e.g. one blade has a larger outlet
angle than the others). This phenome-

non 1is sometimes termed "hydraulic
unbalance" since this thrust component
has the frequency of the rotational
sveed of the pump.

fluctuations (mostly low
to flow separation at
rotating

- pressure
frequencv) due
part load (sometimes as
stall)

- nnbalanced blade forces (9), if:

Np-Z3 - V1 - Z3 = % 1 (1)

Both steady and
thrust data given in this
normalized according to:

unsteady radial
paper are

Fr
K (2)
R e g H Da- B*
Unsteady radial thrust values given
in this paper are to be understood as

peak amplitudes in a frequency range
between =zero and impeller blade passing
frequency.

3.2 Labyrinth forces

In a
tangential

the static
tion orbit

labyrinth there are radial and
forces which increase with
excentricity and the vibra-
of the shaft. While these
forces are negligible for radial laby-
rinths, they are strong for axial flow
labyrinths as used 1in most pumps.
Therefore these forces should not be
ignored when interpreting radial thrust
measurements.,

shows how radial thrust and
forces determine the rotor
position and influence the apparent
radial thrust: We assume that a radial
thrust Fpr acts on the impeller and
pushes the impeller from its concentric
position M to the excentric position 04
which would be observed with a radial
labyrinth. An axial flow 1labyrinth,
however, would give a restoring radial
force Fxy pushing the rotor somewhat
back and a tangential force Fry . The

Fig. 1
labyrinth



observed rotor position would therefore
be 02 and the measured radial thrust Fgry
differs by maaqnitude and direction from
the true hvdraulic thrust Fpr. A non-vi-
brating rotor under the assumed radial
load would rotate around Op and a
vibrating rotor would show some orhit
around Op. In nractice every rotor will
be subject to some vihrations.

The lahvrinth forces discussed above
can be estimated from numerous publica-
tions, e.q. ref. (3), but reliable
data for high Revnolds-numbers and
different types of labhvrinths are still
scarce. In the present context it is
sufficient to note that the radial and
tangential forces increase with the head
of the pump or the square of the speed
and the damping forces increase with the
speed of the pump. There 1is also an
apparent mass associated with the
acceleration of liquid in the gap of the
labyrinth, but this effect can be
ignored for the discussion of radial
thrust. In the literature the labvrinth
forces are treated as stiffness, damping
and mass coefficients. The order of

magnitude of the stiffness effect
(calculated with half the 1labvrinth
clearance) can be seen from table 1,

where the labyrinth forces were normal-
ized accordinag to equ. (2) in order to
provide a comparison with other radial
forces. The necative siagn indicates
that it 1s a restoring force acting in
opposite direction of the radial dis-
placement of the rotor.

3.3 Imneller diffuser interaction

If a rotor vibrates with resmect to the
casing (volute or diffuser) the pressure
distribution around the immeller circum-
ference changes due to the varying
distance bhetween impeller and casing.
The resultant forces can be described as
radial and tanagential stiffness, damping
and mass coefficients in a similar
manner as for the labyrinth forces, ref.
(4) . These forces can not be readily

separated from the measured radial
thrust but they are much lower than the
labyrinth forces, since the gap between
impeller and diffuser is much larger

than the labyrinth clearance. They can
be neglected in radial thrust considera-
tions.

4 MEASUREMENT OF RADIAL THRUST

Four methods are available to measure
the radial thrust. Detailed discussion
on related problems can be found in (7)

and (8).

4.1 Measurement of pressure distribution

The pressure distribution around the
circumference of the impeller is mea-
sured by a number of pressure tappings
and the resultant radial force 1is
determined by integration of the pres-
sure profile measured (5), (6).

Advantages:

- This method is simple, since no
sophisticated equipment is needed.

- No resonance with flexible measurina
elements endangers the accuracv of the
results.

Disadvantages:

- The measurement of a multitude of
pressure tappings and the integration
is cumbersome

- The accuracy is low

- Instationary thrust components are not
recorded.

The interpretation of the results is
difficult because the pressure distribu-
tion on the impeller shroud and hub and
their possible contribution to the force

on the impeller are unknown. It is
therefore not surprising to find that
radial forces integrated from the
measured pressure distribution in ref.
(6) are 1lower than the forces on the
bearing since the integration was only

done over the impeller outlet width.

4,2 Measurement of bearing forces

The forces transmitted from the rotor to
the stator can be measured if the
bearing is supported bv a device com-
orising brackets which are equipped with
strain gauges. This measuring assemblyv
can be calibrated by an unbhalance and/or
by static loading. In order to get good
signals from the strain gauges the
brackets must be dimensioned according-
ly. This results 1in a system with low
stiffness and low resonant frequencies.
It is therefore necessary to run a test
with a mechanical unbalance at variable
speed in order to check that the bearing
forces 1increase with the square of the
speed and there is no resonant amplifi-
cation at the test speed. Contrary to
the pressure integration technique the

bearing measurements can only give the
resultant of all forces acting on the
rotor (i.e. true hydraulic thrust and

labyrinth).

Other means of force measurement can
be employed instead of strain gauges.

4.3 Measurement of shaft deflection

The forces acting on the rotor can also
be determined by measuring the shaft
deflection by proximity probes, if the
shaft 1is calibrated by a known mechani-
cal unbalance and/or static load.

Advantages:

- relatively inexpensive and simple
tests

- often only small modifications of the

test pump are necessary



Disadvantages:

- The bearinag clearances affect the
readinags of the proximity probes

- accuracy moderate

- run-out nrohlems

2.4 Measurement of shaft stresses

The stresses nrodnced bv the forces
actine on the imneller can be measured
by strain aauces on the shaft as de-
scribed in ref. (4). As with measure-
ment of the *thearin~ forces resonances
must be avoided and the measured forces
include also the lahyrinth forces unless
a radial 1lahyrinth (see fia. 1) 1is
emploved. This technicue clearlvy is
much more comnlex than the measurement
of the hearina forces and 1is onlv
justified in smecial cases.

If resonance pnrohlems can not be
avoided the test pumn can be treated as
a vibratina system consisting of one
mass, stiffness and damping (8).

As in the methods of 4.2 and 4.3 the
system must be checked for resonances,

since the shaft must be flexible enough
to permit accurate readings.

5 RADIAL THRUST

5.1 Radial thrust in volute pumps

5.1.1 Volute nressure distribution
and radial thrust

At mart load there is flow senaration at
the suction side of the cutwater since
the flow angle is smaller +than the
geometric anale of the tongue (see fig.
2a). Consequentlv in the stalled region
there is little pressure recovery,
flow deceleration takes place in the
second half of the volute, and the
radial thrust is directed to the stalled
region, i.e. somewhat downstream of the
tongue.

Putting in an additional rib oppo-
site the cutwater (i.e. part of a
double volute) produces a second stalled
region and increases the symmetry of
flow and pressure distribution consider-
ably (see fig. 2b). Tests reported in
(16) , which demonstrate this effect very
clearly are reproduced in fig. 3.

If the tongue is cut hack to form a
concentric casing (e.g. over 90° of the
circumference) as shown in figqg. 2C the
stalled reaion is eliminated since the
geometric tonque angle has been de-
creased and radial thrust at mnart load
is reduced accordingly. The radial
thrust measurements of ref. (1) (15)
(18) show <clearly this reduction of

thrust at part load.

At flow rates in excess of the
design point the flow separation is (due
to the high flow angle) on the pressure
side of the tongue (i.e. 1in the pres-
sure nozzle). Consequently there is a
pressure build-up on the suction side of
the tongue (see fig. 2d) and the radial
thrust is directed more or less opposite
the direction at part load. Since the
volute throat velocity 1is much larger
than the impeller outlet velocity, there

is an acceleration and an associated
dro» in static pressure near the
cutwater.

The mechanisms described above are
confirmed by measured pressure distribu-
tions (17) (5) (19) (20) and directions
of the radial thrust. However non-uni-
form pressure distribution at off-design
conditions occurs already without flow
separation. The direction of the radial
thrust in single .volutes is given in
fig. 2a and 24d.

For double volutes the steady radial
thrust at part load can be very sensi-
tive to small geometrical variations,
which impair the symmetry of the pres-
sure distribution in the inner and outer
volute. This 1is demonstrated also by
fig. 6 which shows that small devia-
tions from a 180° - volute cause an
appreciable rise in radial thrust.

It appears that the 1low radial
thrust of a double volute depends on a
rather delicate equilibrium of pressures
in the inner and outer volute that can
be destroyed easily by unsymmetries of
the cutwaters and the shape of the
volute. In this respect radial thrust in
sinagle volutes 1is probably less sensi-
tive to small modifications.

5.1.2 Design data for single and
double volutes

In the absence of specific test data
fig. 4 can be used to estimate the
maximum steady radial thrust for single
volutes with single or double entry
impellers. K is defined by equ. (2)
and y by equ. (3):

y = a-ng (3)
a =1 for single entry impellers
a =vV2 for double entry impellers

Basis for fig. 4 are the data of (1)
and (2) the band of scatter is estimated
from available test data. Curve 2 is a

rough estimate from tests with large
clearances, which are confirmed by ref.
(28) .

Curve 1 in fig. 4 is wvalid for
clearances according to ref. (10).

The excessive leakage associated
with large <clearances (i.e. clearance
above 2- to 3-times the API 610 values)



has an impact on the pnressure distribu-
tion on the impeller shrouds. Neverthe-
less it is suggested that curve 2 should
be wused too for radial labyrinths with
any tyvpe of clearance.

The maximum steady thrust oiven bv
fig. 4 occurs mostly at Q=0, in some
cases for 0<Q < 0.5 Qg . Having deter-
mined Kg, from fig. 4 the thrust curve

Kp = £ (Q) can be estimated from the
formula proposed by Stepanoff (30).
Q )2]
= ol = (4)
Kr = Kro [1 (T

Contrary to the above formula the
steady radial thrust is not zero at BEP
but has a finite value in the range of
0.03 € Kg € 0.08 which we found indepen-
dent of the specific speed in the range
of 10 € ng £ 100. This force is caused
mainly by the final thickness of the
cutwater.

Because of the high numher of

variables it seems so far impossible to
establish a correlation with less
scatter than in fig. 5 by introduction

of specific geometric design parameters.

Fig. 5 gives steady radial thrust
coefficients for 50 % of BEP flow. The
upper scatter band is even larger than
in fig. 4 since often maximum thrust
does not occur at shut-off but at part
load up to 50 %: The maximum thrust
occurs when the impeller blade loading
becomes excessive (i.e. the maximum
local pressure in the volute is limited
by the impeller blade loading).

For double volutes fig. 6 toagether
with fig. 4 can be used to determine the
maximum steadv radial thrust. The
maximum steady radial thrust of a double
volute is determined by:

KR-ov = R - Kgo (5)
For €sp = 180° the curve Fg = £ (Q)
can be assumed very flat, i.e. for
design purposes the Fg calculated from

fig. 6 and 4 must be assumed for all
flow rates. With decreasing Esp the
relation Fg = £ (Q) assumes more and
more the shape given by equation (4) for
single volutes. Fig. 6 1is based on a
number of tests with different types of
pumps and different specific speeds. It
is confirmed by data from (21) and (29).

Unsteady radial thrust for single
and double volutes can be estimated from
table 4.

5.1.3 Geometric parameters

5.1.3.1 Casing clearance

Large clearances between casing and
imneller shrouds foster the equilization
of the pressure around the impeller
circumference and hence reduce radial
thrust. In ref. (21) the difference
between a (unusually) small clearance of
0.006 D and a wide clearance of 0.035
D2 brought an increase of aKg ¥ 0.1 in
maximum radial thrust for ng=23. For a
pump of ng=45 the increase was about aKpg
¥ 0.04 and for a double volute with
ng=23 the increase was aKg £ 0.034.
Pressure distribution measurements 1in
(17) showed a similar effect.

5.1.3.2 Cutwater distance

Tests of (21) and Sulzer data show that
the distance between cutwater and
impeller has little effect (in the order
of 5 to 10 %) on steady radial thrust.
Un-steady thrust 1is more affected but
this effect 1is included in the broad
band of scatter given in table 4.

For double volutes an increase in
radial thrust must be expected if the
cutwaters of the inner and outer volute
are appreciably different, see (21).

5.1.3.3 Shape of the volutes

Single volutes designed according to
constant velocity (Stepanoff) or con-
stant momentum (Pfleiderer) give nearly
the same radial thrust. Other designs
gave an increase in thrust by AKg =
0.05, ref. (22).

Differences in the shape of the
outer and inner volute of a double
volute casing can cause a high increase
in thrust at part load.

5.2 Radial thrust in diffuser pumps

5.2.1 Design data

The mechanisms, which can cause radial
thrust in a diffuser pump, were dis-
cussed in section 2. Some test data were
published in ref. (11) to (15).
Published and Sulzer test data do not
permit to establish any relation between
radial thrust coefficients and specific
speed or other parameters. The avail-
able test data gathered from 12 tests
over a wide range of pumps are summa-
rized in table 3:



Table 3: Radial thrust of diffuser pumps

Q Kr (steady) Kgr (unsteady)
average ranqge aver. range
BEP 0.n3710.01-0.06 | 0.033[0.01-0.09

4| £0.05 0.02-0.09 ] 0.1 0.04-0.16

5.2.2 Geometric parameters

5.2.2.1 Influence of impeller tolerances

If one impeller channel has a larger
outlet width than the rest of the
channels or one blade has a higher
outlet angle than the others the head

produced by the disturbed channel is
expected to be higher than by the other
channels.

Consequently a hydraulic force rotatine
with the frequency of the shaft is
expected. Fig. 7 and 8 show test results
where the outlet angle of one impeller
blade was increased from 36° to about
51° (test pump: ng=47, 7 impeller vanes,
9 diffuser vanes).

unsteady thrust
frequency of shaft

As expected the
component with the
rotation increased clearly over the
entire load ranage, whereas components
with other frequencies were not changed.
The reduction in static thrust came
rather unexpectedly.

The variation of 15° is much higher
than any manufacturing tolerances would
be. A first test, which was done with
an increase of 4° of the impeller blade
outlet angle showed virtually no influ-
ence on radial thrust. This finding is
confirmed by ref. (11). From the tests
so far available it appears that geomet-
ric tolerances of the impeller outlet do
not contribute significantly to the
(unsteady) radial thrust.

An off-set of the hydraulic from the
geometric center or blade inlet angle
tolerances might have a larger impact
than the outlet angle tolerance.

5.2.2.2 Influence of diffuser tolerances

If one channel of a vaned diffuser
differs in geometry from the other
channels a static radial thrust is

expected. Fig. 9 and 10 show thrust
measurements where one of nine diffuser
channels had a throat area reduced bv
about 30 % from the design value (same
test pump as in previous section). As
expected the steady thrust increases
whereas the unsteady thrust is not much
affected, except near shut-off.

5.3 Influence of cavitation on
radial thrust

ref.(2) and (28) showed no
steady or unsteady radial

Data in
increase of

thrust with increasing cavitation.
Tests of ref. (6) showed an increase of
radial thrust only at flow rates above
BEP and at high degrees of cavitation.
Fig. 11 confirms this for the total
(i.e. stead- and unsteady) radial
thrust of a diffuser pump (ng=47). It
is concluded that cavitation up to 3 %
head drop will not cause, in general, an
increase in steady or unsteady radial
thrust neither in volute nor in diffuser
pumps.

5.4 Radial thrust in axial pumps

Radial thrust of axial propeller pumps
is caused mainly by a non-uniform
velocity distribution at the impeller
inlet and/or outlet. Some test data are
given in ref (15). Although these data
were derived for a pump with one bend
downstream of the diffuser and one bend
shortly wup-stream of the impeller they
might be useful (in the absence of other
data) to estimate the radial thrust:

Static thrust: Krg* = 0.02 )

) for
Unsteady thrust: K*gyn = 0.01 ) Q = Qoo
static

For Q > Qoo and unsteady

thrust increase. Note that Kg is
defined differently from radial impel-
lers:
B
* R
]
$g H D2

It 1is also possible to estimate the
radial thrust caused by an uneven inlet
velocity distribution by calculating the
difference in head produced by the
differences in local incidence.

5.5 Unsteady radial thrust

As with steady radial thrust it is as
yet impossible to correlate unsteady
radial thrust in a general fashion with
geometric and operational data: Ampli-
tudes and frequencies depend on flow
separation and geometric tolerances
which disturb the often delicate flow
symmetry in the pump.

From our experience the following
assessment can be made:

* Subsynchronous thrust components,
which show broad band spectrum
behaviour, amount normally to up to 20
% of the total unsteady thrust. Any
clearly defined frequencies in the
subsynchronous range such as reported
in (13) could 1lead to a vibration
problem in high-speed machinery.

* The synchronous thrust
expected to amount to
the unsteady thrust.

component is
10 to 20 % of

* The high portion of blade
frequency thrust shown in fig.

passing
8 and



10 is rather unusual. Normally thrust
components of multiples of the rota-
tion frequency of the rotor are quite
low and do not contribute much to the
vibration 1level of the rotor if blade
numbers of impeller and diffuser are
selected properly.

5.6 Radial thrust design data summary

For single and double entry impellers
radial thrust can be predicted according
to table 4.

Table 4: Radial thrust design data

Type of Q Radial thrust coeff. Kg
pump 0oo steady unsteady
Single N-0.5| fig. 4 0.07
0.12
volute 1.0 0.03 to 0.01 to
0.08 0.05
Double figs. 4, 6 as single
volute equ. 5 volute
Diffuser Table 3
Generally the measured unsteady

thrust increases with increasing laby-
rinth clearance because of the reduced
damping.

The scatter of the radial thrust
data of different sources and for
different pump types is caused by:

- Different hydraulic designs of differ-
ent manufacturers

- Influence of labyrinth forces (type of
labyrinth, length, clearance, Rey-
nolds-number)

- Geometric tolerances of volutes,
diffusers, impellers (unsteady thrust)

testina and data
reduction procedures. For example if
a test 1is carried out with a very
stiff shaft the bearing forces mea-
sured represent the true hydraulic
thrust (little labyrinth forces since
small deflection).

- Differences in

6 COMMENTS ON AXIAL THRUST
IN MULTI-STAGE PUMPS

an empirical and a
predict axial

Basically there is
theoretical approach to
thrust. In practice, however, both
methods are distinqguished only by the
degree to which they rely on experimen-
tal data.

6.1 Empirical Method

The empirical method as discussed in
(23) can be characterized as follows:

- A "theoretical axial thrust" is
calculated on the basis of more or
less crude assumptions as to the
rotative velocity of the liquid
between casing and impeller and as to
the static pressure rise of the
impeller.

- From model or prototype tests with the

hydraulic components in question the
difference between actual thrust and
theoretical thrust is determined and

an appropriate dimensionless correc-
tive term is derived.

- This corrective term can subsequentlv
be used to predict the thrust of pumps
of different size, speed and number of
stages but with geometrically similar
hydraulic components.

- The corrective term must be known as a
function of Q/Qoo, Reynolds-number and
labyrinth clearance.

Since the labyrinth leakage increas-
es with Reynolds-number and the leakage
has an important impact on the pressure
distribution on the impeller shrouds,
the influence of Re is strong. For this
reason prototype tests are preferred
over low-speed model tests.

If test data of high quality are
available the accuracy of prediction is
entirely satisfactory. For new configu-
rations or for the investigation of the
influence of individual parameters a
finer calculation model is required.

6.2 Theoretical Method

The theoretical approach is based on the
following procedure:

- The static pressure rise of the
impeller on the shroud and hub stream-
line is calculated from a more or less
sophisticated model (or taken from
test data).

- The circumferential absolute velocity
at the impeller outlet (C2u) is
calculated (or estimated from the

Euler equation).

- The labyrinth flow rates are calculat-
ed.

- Based on the above results the veloci-
ty and the pressure distributions on
the hub and shroud are calculated as a
function of geometrical data, laby-
rinth flow rate and direction and C2u.

For this a procedure similar to (24)
(25) can be followed. Since the
labyrinth flow rate depends on the
pressure distribution an interative

process is needed.

- Finally the pressure distribution is
integrated to give the forces on hub
and shroud and the resultant axial
thrust.



6.3 Parameters influencing Axial Thrust

To assess the merits and limitations of
the methods discussed abcve the parame-
ters influencino axial thrust are
examined.

6.3.1 Main Parameters

The following narameters are correctly
taken into account by both methods:

- Diameters of imneller, labvrinths
including balancing device and steps
of shaft subiject to different nres-
sures

-~ Head of pumn and number of stages

- Difference bhetween normal and 1last

stage of a pump

- Change of momentum of flow through the
impeller

6.3.2 Static Pressure Rise of Impeller

Although in general the hub and shroud
streamline will be intended by design to
give a constant static pressure at the
impeller outlet, this condition is not
necessarily always achieved neither at
part load nor even at the BEP. It is
obvious that a difference in static
pressure between hub and shroud has a
direct impmact on the axial thrust. Test
data have shown that a given impeller
can produce a constant pressure rise
over the outlet width with one diffuser
but a non-uniform one with another
diffuser of moderately different design.
Considering the difficulties of nredict-
ing part 1load behaviour of pumps the
above fact confirms that an accurate
prediction of the static pressure at the
impeller outlet is not an easy matter.

6.3.3 Pressure Distribution on
Impeller Shroud and Hub

Ancient pump technology assumed K = 0.5
(K being the ratio of fluid velocity in
the space between impeller and casing to
the circumferential velocity of the

impeller). The deviation of reality
from the above assumption is the main
reason for the failure to predict axial

thrust in multi-stage pumps by any
simple procedure: in reality on the
shroud K is greater than 0.5 because of
the inward 1leakage and on the hub K is
less than 0.5 because of the outward
leakage. Both deviations act in the
same direction to increase the axial
thrust to the suction side.

K and the resultant pressure dis-

tribution depend on a number of quan-
tities:
- Width of space between casing and

impeller shroud

- Magnitude and direction of labyrinth

leakage hence Reynolds-number as well
as type and clearance of labyrinth.

* On the (suction side) impeller shroud

leakage is radially inward and K
increases with 1leakage because the
flow at the impeller outlet has a
circular momentum ( proportional to
QL * C2u) which even increases when

flowing inwardly.

* On the (pressure side of a normal
stage) impeller hub leakage is radial-
ly outward and K decreases with
increasing leakage.

- The circular component of absolute
velocity C2u at impeller outlet has an
influence on the velocity and pressure

distribution for radially inward
leakage but negligible impact if
leakage 1is radiallv outward. At part

load flow recirculation occurs at the
impeller outlet. It starts mostly on
the hub side where consequently C2u is
much reduced. On the shroud side C2u
increases, K increases accordingly and
the axial thrust increases. The
changing flow pattern at the impeller
outlet at part load must therefore to
a large extent be responsible for the
increase of axial thrust at partload
(apart from the increase in leakage
rate and head) any hysteresis or other
unexpected forms of the axial thrust
curve.

- Roughness of impeller (K increases

with increasing roughness)

- Roughness of casing (K decreases with
increasing of roughness)

- Reynolds-number

From the above discussion it 1is
inferred that accurate prediction of
axial thrust by analytical models, for
the time being, 1is only possible if
supplemented by or adapted to experimen-
tal data.

6.3.4 Tolerances

The axial position of the rotor, which
is known to have a significant influence
on axial thrust, has an impact on both
the static pressure distribution at the
impeller outlet (because the impel-
ler/diffuser position is influenced) and
on the velocity and pressure distribu-
tion between casing and impeller.

The same 1is true for the geometric
tole- rances of impeller and diffuser.

6.4 Accuracy of Thrust Prediction

Naturally one would tend to assess the
accuracy of thrust prediction by compar-
ing the calculated residual thrust to
the measured one. To do this on a
percentage Dpasis can be quite meaning-
less: for a highly balanced multi-stage



pump even a small discrepancy between
predicted and measured thrust could show
up as an error of 100 % or more, because
the residual thrust is a small differ-
ence of two large figures (i.e. the
hydraulic thrust and the balance
thrust) .

Any deviation hetween predicted and
measured residual thrust should there-
fore be compared to the hydraulic thrust
in order to get a meaningful assessment
of the accuracy of the prediction, which
can be used subsequently to determine
the necessary thrust bearing margin.

6.5 Axial thrust tests of
a boiler feed pumbp

Fig. 12 shovrvs the residual thrust
measured with a 4-stage boiler feed
pump. The results of 5 different units
lay within the scatter band of curve 1.
The scatter is due to unavoidable
manufacturing and assembly tolerances
(presumably mainly labyrinth clearanc-
es). The opredicted residual thrust for
both clearances is given on fig. 12 too
(prediction was based on prototype tests
according to the empirical method). The
width of the scatter band corresponds to
about 8 % of the hydraulic thrust at BEP
and to about 11 % at 25 % load.

How some tolerances do affect the
different axial forces is demonstrated
by table 5 for 25 % load: The error of

the
greater than
force on the
and 4).

residual thrust is roughly 1l4-times
the error of the predicted
shroud (compare columns 2

Influence of tolerances
on axial thrust

Table 5:

Tolerance Increase of thrust in %

Force on Imp. Residual
shroud thrust thrust

Type Size

Static

pressure
rise at 7 % 11 19 50
hub/shroud
streamline

Fluid rota-
tion on 10
shroud (K)

oo
w
.

w

Circum-

ferential
component
of absolute|1l5
impeller
outlet

velocity

oe
N
.

~
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TABLE 1
STEADY RADIAL FORCES ON CENTRIFUGAL IMPELLERS
| aHy
FORCE  [TYPE | MECHANISW/CRIGIN/REMARKS | &/Cco PKR=-w;-
STEADY ROTATIONAL UN-SYMMETRIES 0.02
%gbé‘; y AT IMPELLER INLET, 20,5 0
4F, IncREASES WITH &/Gc0 0.06
D | ROTATIONAL UN-SYMMETRIES 0.01
CAUSED BY PUMP CUTLET >0,5 T0
aF, IncReases Wit &/Roo 0.02
D | DIFFUSER TOLERANCES =(,5 0.01
AFR INCREASES WITH %/Gc0
PART LOAD FLOW SEPARATION 0.01
IN DIFFUSER <05 T0
* CAUSED 8yl 3-TOLE= 0.02
D RANCES (?2)
* THE EQUILIBRUM CF
A SYSTEM OF Z
PARALLEL CHANMELS
IS VERY SENSITIVE TO
SMALL PERTURBATIONS
D | STATIC EXCENTRICITY CF 0.01
IMPELLER WITH RESPECT . )
V | 1o DIFFUSER 1) 5,07
SV | LARGE-SCALE Non-UNIFoRM [< 0,5 0.2
PRESSURE DISTRIBUTION 0
0.4
DV | OUTER VOLUTE HAS HIGHER 0,05
RESISTANCE THAN INNER 0
VOLUTE WHICH GIVES NON- i 0.15
UNIFORM PRESSURE DISTRI- ! ;
BUTION ARCUND IMPELLER
LABY- |ALL | STEADY PRESSURE DIS- ALL |- 0,02 D
RINTH TRIBUTION IN EXCEN- T0
FORCE TRIC LABYRINTH, FORCE: - 0.05
* INCREASES WITH
EsTAT
* DECREASES WITH
SERRATIONS
* € . . SRELATIVE EX-
STAT CENTRICITY
DEAD TO BE CONSIDERED IN
WEIGHT TEST DATA EVALUATION - -
{MIND ALSO BUOYANCY)
1) ASSUMED VISRATION AMPLITUDE: HALF LABYRINTH

CLEARANCE



